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SUB-SYNCHRONOUS VIBRATIONS OF A ROTOR SUPPORTED ON
POORLY LUBRICATED JOURNAL BEARINGS

L. Smolik”, P. Polach", J. Rendl™

Abstract: This paper aims to the modelling and investigation of sub-synchronous vibrations of a rotor
supported on poorly lubricated journal bearings. Bores for an oil supply are located in the lower halves of
bearing shells. It is shown that the poor lubrication of the described bearings may lead to an occurrence of
stable vibrations at the frequency ca. 0.9 to the rotor speed. Smulations are performed using a multi-body
approach for modelling rotating systems. Forces acting in journal bearings are evaluated employing a mass-
conserving finite element solution of the Reynolds equation.
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1. Introduction

Conditions which lead to an occurrence of sub-syomobus vibrations (SSVs) of rotors supported on
poorly lubricated journal bearings are reportethis paper. The reported SSVs are at the frequeacy
0.9 to the rotor speed. This frequency does naespond with the frequency of self-excited vibrasio
due to oil-whirl and oil-whip instabilities (Bentl§ Hatch, 2003; Muszynska, 2005) nor with any naftur
frequency of the rotating system. However, therghinbe a connection between the reported SSVs and
the fluid-induced instability — both Someya (1989801) and Muszynska (2005, pp 236-242) noted that
poor lubrication has an influence on the unstalileations due to the fluid-induced instability.

Similar vibrational patterns were observed als®bgamillo (2006) in thrust bearings. DeCamillo mbte
that these SSVs usually occur in poorly lubricabedrings but he was unable to identify all condiio
which can lead to the reported SSVs. The problettihege SSVs is not commonly studied in available
literature and, therefore, the investigation o$ giioblem is a challenge.

The computational analysis was performed via mhdtly approach for modelling which is described in
Section 2. The calculations of pressure distrilbuiiojournal bearings were performed employing asna
conserving finite element solution of the Reynoddpiation. Thus, hydrodynamic forces acting in the
journal bearings are non-linear. This phenomenorninigstigated on the computational model of
assembled experimental testing rig that enablessiigation of fluid-induced instabilities in joutna
bearings whose parameters are discussed in Sé&ctidre results are introduced and discussed indpect
4 and the matter is briefly summarized at the drttis paper.

2. Equations of motion of a flexible rotor supported o journal bearings

The motion of the flexible rotor is described enyihg a multi-body formalism. Motions of the rotarea
decomposetb elasticandgrosscoordinates. In order to simulate both types efrtiotion, the systewf
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differential algebraic equations described by Larenal. (2017) is employed (tintds omitted):

Mg+ f?(zz)=f9"(z)+f (z,w) +f°(z) —Dq—Kq, (1)
S(05) 93 = Qp, (2)

0505 =1, )

r(q) = 0. 4

The position, orientation and deformation of thetoroare included in state vectoz' =
[x2,0%,%x5,QF,q",q"]. Vector xz € R3 and quaterniorB; € R* characterise the position and the
orientation of the rotor and vectog € RY contains elastic coordinates relative to a coatgirsystem
which is defined bk and@z. Vectorw is composed of state vectors of all bodies coufnédtie rotor.
M,D,K are the mass, damping and stiffness matrix, réispdc > € RV, f97" € RN are vectors of
forces which result from rigid body acceleratiomsd ayyroscopic effects, respectively (Offner et al.,
2006). Vectorf/ € R®¥ accommodate forces in couplings #&fde RN prescribes external loading.

Equation (2) describes the relation between angudkacity Qg of the gross motion and quaterniég,
Equation (3) is the normalization condition and &ipn (4) is introduced in order to obtain a unique
separation of the gross and elastic coordinatasatitin (4) is discussed in detail by Offner e{2006).

The most prominent coupling forces act on the ritdts bearings. These so-called hydrodynamice®rc
can be obtained by integrating a pressure in afilmilover the surface of the bearing. We assunag th
the oil is an incompressible Newtonian fluid, tHenfis thin, the flow in the film is laminar and vigation
may occur. Pressugeis then governed by the Reynolds equation inah@ f{Lorenz et al., 2017):

o (6 h3 op 0 (6h3 dp\ _ ujtus 9(0h) , (6 h)

m(Ga ) () =5 T ©®)
wheres, x are the circular and the axial coordinates, raspdg, h is the gap between a journal and
a shell g is the percentage afwhich is filled with oil,u is the dynamic viscosity of the oil amgl us are
the surface velocities of the journal and the shelpectively. Note that there are two unknowns in
Equation (5):p and 8. For t = 0, ratio 8 is prescribed by initial conditions (usualy= 1) and
Equation (5) is solved far. If p at any node drops below the value of saturatiesgurep., thenp = p,
and Equation (5) is solved fér

3. Parameters of the analysed system

An arrangement and dimensions of the analysedmyate depicted in Figure 1. The system consists of
the rotor supported on two journal bearings anararoller which controls the speed of the rotoreTh
controller is connected to the rotor with a bellosmupling with torsional stiffnesg, =9.0-103
N-mrad?, axial stiffnessk, = 3.0 - 10* N-m* and lateral stiffnes; = 3.2 - 10> N-m™. The maximum
speed of the rotor is 15,000 rpm (250 Hz). Propsrtif the journal bearings are summarised in Table
and their geometry is shown in Figure 2a. Note lloaes for oil supply are located in the lower lealof

the bearing shells.
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Fig. 1. Geometry and discretization of the rotor which is made of steel with the following material
parameters. E = 205 MPa, v = 0.29, p = 205 kg-m*. The Rayleigh damping coefficients
area = 5.027 s'and g = 1.273-107° s,
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Tab. 1: Nominal parameters of journal bearings. Position of the supply bore is depicted in Figure 2a.

Parameter Symbol Value Parameter Unit  Value

bearing diameter d 38.0 mm ambient pressure Pa 1.00 bar

bearing length l 20.0 mm saturation pressure Pe 0.98 bar

radial clearance [o 40.5um supply pressure D 1.25 bar

lubricant viscosity u 28.3 mP& | supply bore diameter d, 5.00 m

number of grid points 121x21 supply bore position ¢, 180.0°
4. Results

In order to understand dynamic properties of therrahe Campbell diagram was constructed from
numerically evaluated values of complex eigenfregies. Hydrodynamic forces were linearized
employing a method introduced in (Kramer, 2006) #redrotor damping was neglected=£ 0, 8 = 0).
The resulting diagram (Figure 2b) suggests thatadribe cylindrical rigid modes with natural freoay

at half of the rotor speed goes unstable at 10Z.5THe first lateral bending mode is located abQ,Hz.
Therefore, the rotor can be considered rigid.

The steady-state response of the perfectly balarated was simulated for frequency of rotatifnfrom
range f, € (100; 250) Hz. Equations of motion (1) — (4) were integratedmerically employing

a backward differentiation method. The response avasysed in intervat € (1;2) and is depicted in
Figure 2c. A high pass-filter with cutoff frequen8ys Hz and the Hann window were applied and then
theresponsevastransformednto thefrequencydomain using FFT. A sub-synchronous component which
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Fig. 2. (a) Geometry of the bearing. (b) Campbell diagram for the rotor. (¢) Seady-state response of the
perfectly balanced rotor. (d) Sensitivity of the response components on the static unbalance.
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Response in node 52 at 7,800 rpm b)

5 Response in node 52 at 7,800 rpm
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Fig. 3: Sensitivity of component 0.9X on (a) the supply pressure and on (b) the position of the bore.

is further referred to as 0.9X appearg,at 130 Hz and disappears gt = 160 Hz. The fluid-induced
instability develops gf. = 245 Hz at the frequency which 548 X f,.

Component 0.9X is presumably caused by parametait supply. Figures 2d and 3a illustrate thasthi
sub-synchronous component is present only if therrig well-balanced and if the bearings are poorly
lubricated. Figure 3a suggests that component a€ars if the supply pressure is 1.6 bar at th&t.mo
The appearance of 0.9X component is sensitive emdsition of the supply bore. The bore has to be
located within the intervap,, € (155;183) degrees (Figure 3b). Angls, is depicted in Figure 2a.

5. Conclusions

An occurrence of sub-synchronous vibrations atftbgquency which is ca. 0.9 to the shaft speed is
reported in this paper. The reported oscillaticens accur only if a rotor is well balanced (balagoality
grade G1 or lower per ISO 21940-1), and if it idialy supported on poorly lubricated journal begs
whose supply bores are located in the lower hathefbearings. These vibrations are stable andrcove
roughly 10 % of the bearing clearance and, theeefibrey are not dangerous. However, such vibrations
might be undesirable in precise machinery.
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